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Nomenclature

apparent modulus of a hollow beam
modulus of elasticity for the solid material
modulus of elasticity along the major axis
modulus of elasticity along the minor axis
modulus of elasticity along the 1 axis
modulus of elasticity along the 2 axis
shear modulus

hexagon edge length

hexagonal void spacing

strain along the 7 axis

internal angle of the hexagon

generic Poisson’s ratio

volumetric density

stress along the i axis
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TIFF thermal-formed thin-film polyimide panels are part of a
unique class of structures that seek to mitigate some of the
modeling and testing complications presented by other flexible and
highly nonlinear ultralightweight membrane structures. A detailed
static characterization of these panels is essential to ensure optimal
performance in a variety of applications. This Note examines the
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global static behavior of stiff thermal-formed thin-film polyimide
panels and validates novel numerical models that capture the
behavioral mechanics of the panels. The work presented here is a
continuation of the work presented by Black et al. [1,2] and is part of
an overall effort to characterize static and dynamic behavior of these
panels [3].

Although inflatable and/or rigidizable space structures have
recently been extensively investigated [4-6], formed or stiffened
membrane structures have received substantially less attention. Flint
etal. [7,8] examined doubly curved form-stiffened thin-film shells in
which the membrane is manufactured such that, without adding
mass, the final surface had permanent depth and curvature. Song et al.
[9] investigated a membrane torus with a 1.8 m ring diameter and a
0.2 m tube diameter. Unlike similar tori investigated by Griffith and
Main [10] and Ruggiero et al. [11], a regular pattern of convex
hexagonal domes (8 mm side to side and 3.5 mm high) was formed
into the polyimide film from which the torus was constructed. These
domes provide the stiffness that enables the structure to be self-
supporting and are comparable with the tessellating thermal-formed
honeycomb pattern that provides the stiffness of the polyimide
panels examined here.

In small-scale compression testing of the panels, significant
nonlinear stiffness behavior was observed. To model this behavior,
the stiffness of nonlinear springs was previously defined to match
that measured experimentally, producing models that quite faithfully
replicated experimental data. Modeling full-sized panels with this
approach, however, also yields model sizes on the order of hundreds
of thousands of degrees of freedom, requiring significant
computational effort [1-3]. Because of the disappearance of the
observed small-scale local nonlinear behavior at the full-panel scale
described here, the use of linear shell element models is appropriate.
An alternate modeling approach is therefore proposed in which the
internal honeycomb structure is approximated in apparent material
properties and the panels are assumed to be solid plates that can be
coarsely meshed, eliminating the need for finely meshed models that
are hundreds of thousands of degrees of freedom in size or for
experimental data used in the previous studies.

Static bending tests on two different panels are described here,
along with the formulation of the apparent material properties.
Simple coarsely meshed finite element models that do not require
detailed modeling of the internal honeycomb geometry of the panels
are then validated with experimental data.

IL

Investigation of the global macroscale static behavior of the panels
was undertaken in the form of panel bending tests. Two rectangular
panels (25.0825 x 26.67 x 1.905 cm) were tested using the setup
shown in Fig. 1. One panel was manufactured from 0.127-mm-thick
(0.005 in.) polyimide film and the other was manufactured from
0.0762-mm-thick (0.003 in.) polyimide film. Each panel was
supported along parallel edges by the edge-support dowels that were
fully constrained to approximate a simple two-dimensional line-
contact support along the panel edges. Several different loads were
applied to the center of each panel, and the displacement of two
points along the centerline of the panel were recorded for each load
by the Keyence laser displacement sensors (capable of resolving
displacements greater than 10 um) and data acquisition system,
shown in Fig. 1. The nodes (defined as junctions of the sidewalls of

Panel Experimental Data
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Fig. 1 Rectangular panel bending test setup.
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Fig. 2 Rectangular, stiff, ultralightweight polyimide panel with
relevant loading and measurement points marked.

the honeycomb) that supported the applied loads and the nodes at
which displacement was measured are shown in Fig. 2. Each
rectangular panel was tested under two support conditions: one in
which the long sides of the panels were supported by the edge-
support dowels and the short sides were free and one in which the
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short sides of the panels were supported by the edge-support dowels
and the long sides were free. In the long-side-supported
configuration, displacements were measured at points L1 and L.2;
in the short-side-supported configuration, displacements were
measured at points S1 and S2, shown in Fig. 2.

To mitigate the possibility of systemic bias arising from
mechanical hysteretic effects caused by repeated bending in the same
direction or misalignments, three different groups of full-panel
bending tests were undertaken for each of the long-side-supported
and short-side-supported test configurations. After several initial sets
of data were taken, the panels were rotated 180 deg, switching the
positions of the measurement points, and flipped upside down so that
bending occurred in the opposite direction. Figures 3 and 4 show the
results of the experimental bending tests for the stiff ultralightweight
panels manufactured from 0.127-mm-thick (0.005 in. or 5 mil) and
0.0762-mm-thick (0.003 in. or 3 mil) polyimide film, respectively. In
both of the figures, the upper-left graph shows the 0 deg or initial data
group, the upper-right graph shows the data from the same panels
rotated 180 deg, the bottom-left graph shows the data from the same
panels flipped upside down, and the bottom-right graph shows all of
the data in the previous three graphs plotted together with fit trend
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Fig. 3 Long-side-supported full-panel bending data for the panel manufactured from 0.127 mm (5 mil) polyimide film.
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Fig. 4 Long-side-supported full-panel bending data for the panel manufactured from 0.0762 mm (3 mil) polyimide film.

lines (note that experimental variation causes the trend lines to
indicate small erroneous nonzero displacements at zero load).
Points 1 and 2 in the graphs in Figs. 3 and 4 correspond to
measurement points L1 and L2 in Fig. 2, with the rotation or flip
accounted for.

Figures 3-5 show the deflection of each measured point as a
function of the applied mass. They demonstrate that in bending, the
panels behave, in general, in a linear fashion, regardless of their
orientation. Figures 3 and 4 also show that point 2 consistently
demonstrates greater deflection than point 1. Because this disparity is
present regardless of orientation, and taking into account that point 1
is slightly closer to the center of the panel than point 2 (Fig. 2), it is
likely that the panels under point loading deform into a saddle
configuration, with curvature in both the x and y directions, rather
than a simple trough configuration as predicted by classical plate-
bending theory [12,13]. For this reason, two trend lines are fit to the
data shown in the lower-right graphs in Figs. 3 and 4. The upper line
fits the deflection of point 2 and the lower point 1. These lines will be
compared with the results of the finite element models in the next
section.

Comparing Figs. 3 and 4 demonstrates the effect of varying the
thickness of the polyimide film from which the panels are
manufactured. The figures show the bending test results from
rectangular panels that are identical in every way with the exception
of the thickness of the polyimide film. As expected, the panel
manufactured from the thinner 0.0762 mm film in Fig. 4 exhibits
greater deflection under the same loading than the thicker 0.127 mm
film panel in Fig. 3. But although the overall panel stiffness of the
0.0762 mm panel is shown to be less than the 0.127 mm, it still
behaves in a similar linear fashion for the same range of loads.

Figure 5 provides a side-by-side comparison of the two different
rectangular panels in bending with their short sides supported. The
graphs on the left side of the figure show the deflection of points 1 and
2, corresponding to S1 and S2 in Fig. 2, of the panel manufactured
from 0.127-mm-thick film and the graphs on the right of the figure
show the deflection of the same points of the 0.0762-mm-thick film
panel. The plot scales are identical to allow a direct comparison of the
panels’ deflection. As expected, the panel manufactured from the
thinner 0.0762 mm film exhibits greater deflection under the same
loading than the thicker 0.127 mm film panel. The data all lie along

straight lines, meaning that regardless of film thickness or deflection,
the panels still behave in a linear manner for this range of applied
loads. In addition, Fig. 5 lacks any indication of disparity in
deflection between point 1 and point 2. Although it is still likely that
the panels exhibit a saddle configuration under point loading as in the
long-side-supported tests, because the points measured are exactly
symmetric (Fig. 2), single trend lines are fit to the data in the bottom
graphs.

III. Panel Finite Element Data

The prohibitively large size and limited success of large,
geometrically accurate, finely meshed, shell element models in
numerically simulating the behavior of ultralightweight membrane-
dominated space structures [14—17] and the demonstrated linear
quasi-static macroscale behavior of panels in the previous section
together led to an alternate modeling approach here. Coarsely
meshed, single-layered, solid plate shell element models of the panel
geometries tested experimentally are described subsequently. The
material properties of the solid shell elements were defined to reflect
the honeycomb geometry and unique construction of the panels,
yielding simple yet accurate models that can be easily applied to all of
the experimental cases by modifying the global macroscale geometry
[18].

The currently accepted governing equations of lightweight
honeycomb-core panels treat the panels in a global sense as
Reissner—Mindlin elastic plates. This formulation is based on the
classical plate equations solved for selected boundary conditions
[12,13]. To apply the Reissner—Mindlin solid plate equations to
honeycomb-core panels, various material properties such as shear
and rotational moduli and Poisson’s ratios must be properly
calculated. The derivations of the methods for calculating these
properties for honeycombs are listed by Gibson and Ashby [19] and
Kelsey et al. [20] and reproduced here.

To approximate the full-panel bending data from Figs. 35, simple
solid plate finite element models were constructed from four-node
shell elements possessing 6 degrees of freedom per node. A simple
rectangle matching the length and width dimensions of the
rectangular panel in Figs. 1 and 2 was created and meshed with a
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Fig. 5 Short-side-supported full-panel bending data for panels manufactured from both 0.127 mm (5 mil) and 0.0762 mm (3 mil) polyimide film; bottom

graphs show the best-fit line.

single layer of shell elements of thickness equal to that of the
panel: 40 elements per side. Material properties were defined as
regular repeating hexagonal honeycomb panels using Eqs. (1-3)
[19,201:

E _o_(t 3 cos 6
E, & \L) (h/C+ sinB)sin’d M
E, o (1t 3(h/L 4+ sin 6)
E. & \U cos*6
Gu (1V  (h/t+sin6) o
E, \2) (/o)X (1 1 2h/0)cos 0
b B2 cos’6
27 e, T (h/€ +sinB)sin 6
o (r/ in 0)) 3)

e _ (h/€ + sin ) sin &
& cos26

Vo =

where 7, h, £, and 6 are defined in Fig. 6.
However, honeycomb panels consisting of regular hexagons
(h = ¢ and 6 = 30 deg) are isotropic; therefore [19,21,22],

Fig. 6 Geometric parameter definitions for Egs. (1-3).
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Because a Poisson’s ratio of 1 creates a situation in which a
division by 0 occurs, such as in Eq. (1), Poisson’s ratio in the finite
element model was set to 0.98.

Unique to these panels and not reflected in the preceding
equations, the side walls of the hexagonal voids (stiffeners) that
create the honeycomb pattern are not solid polyimide material, but
are instead hollow. To incorporate this variation into the existing
model without modeling individual cell walls, E, was modified by
performing a virtual tensile test on the hollow sidewalls of the stiff
thermal-formed thin-film polyimide panel using Eq. (5), the equation
for a beam in axial tension [23]:

(EA/L)x=F 5)

The value of A was set to match the cross-sectional area of the
hollow rectangular sidewalls of the stiffeners in which the thickness
of the polyimide film, 0.127 mm (5 mil), was the wall thickness used,
and the value of E was set to that of Kapton (2.5 GPa). The values of x
were solved for a range of values of F, engineering stress F/A was
plotted versus engineering strain x/L, and the slope of the line was
calculated, as shown in Fig. 7. This value, called the apparent

modulus of a hollow beam, or Epp, Was used instead of E in Eq. (4).

IV. Panel Test/Analysis Correlation

The full-panel shell element models, created using the properties
listed in Table 1, were constrained to have zero z displacement along
the long edges, loading was applied to the center of the panels, and a
nonlinear large-displacement static analysis was run. The results are
plotted in Fig. 8 along with the best-fit trend lines from the
experimental-panel bending data in Fig. 3. Two different apparent
moduli (E,,,) were used: the smaller of which was calculated using a
hollow cross section with sidewalls half as thick as the top and
bottom and the greater of which was calculated setting all of the walls
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Fig. 7 Virtual tensile test, constant wall thickness (left), sidewall half thickness of top and bottom (right).

of the hollow beam to equal 0.127 mm thickness (Fig. 7). Clearly, the
two values chosen for the E,,, approximation represent the upper and
lower bounds between which the true value of E,, lies; a different
setpoint for E,,, between the upper and lower bounds would have
further improved the fit of the numerical results through the
experimental data.

It was noted in the data in Fig. 3 that the two measurement points in
the long-side-supported full-panel bending test configuration were
not symmetric. Point 1 was located closer to the center of the panel
than point 2 (L1 and L2 in Fig. 2), and the fact that it deflected less
than point 2 in the data in Fig. 3 indicated that the deformed shape of
the panel under point loading was a saddle shape. The data plotted in
Fig. 8 for point 1 and point 2 from the finite element model data were
also taken from asymmetric points, with point 1 slightly closer to the
center of the panel than point 2. The finite element results show the
same trends as the experimental data and closely match the
experimental results, validating the modeling philosophy of using
simple shell elements to model the panels on a global macroscale and
negating the need for detailed models of the nonlinear behavior of
individual nodes in compression.

The deformed panel from the finite element analysis is shown in
Fig. 9, clearly detailing the saddle configuration under point loading.

V. Conclusions

Static bending tests were performed on rectangular, stiff,
ultralightweight thin-film polyimide panels manufactured from two
different film thicknesses. The results show linear behavior over the
entire range of applied loads, demonstrating that previously observed
nonlinear static behavior on a small local scale is not present
globally. Additionally, other formed-stiffened membrane structures
exhibited linear behavior only when pressurized. To reduce model
complexity, an apparent modulus for the panels was found by
modifying the bulk modulus of the polyimide to account for the
unique internal tessellating honeycomb hollow-beam panel

Table 1 Defined properties for shell element models of a stiff
ultralightweight polyimide panel

structure. A simple coarsely meshed solid plate shell element model
using the calculated apparent modulus without reflecting the internal
structure of the panel was used to successfully replicate the
displacement data and showed that the panels deflect into a saddle
configuration under point loading. This model represents a
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panels manufactured from 0.127 mm (5 mil) polyimide film.
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substantial reduction in complexity over previous models of similar
structures.
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